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ABSTRACT
This paper presents the results from experimental and analytical investigation of air-cooled condensers for use in
small-scale, direct-fired ammonia-water absorption chillers. Two novel multi-pass tube-array condensers, compatible
with ammonia-water refrigerant mixture, are designed, fabricated and evaluated. The condensers are built for an
absorption system that delivers 2.71 kW cooling capacity in severe ambient temperatures as high as 52oC with a design
condenser heat rejection rate of 2.51 kW into ambient air. A single-pressure ammonia-water test facility is constructed
and used in conjunction with a temperature- and humidity-controlled air-handling unit to evaluate the condensers at
design and off-design operating conditions. Condenser performance is recorded over a range of air temperatures,
refrigerant temperatures, air volumetric flow rates, and refrigerant mass flow rates. The maximum ambient
temperatures and minimum air flow rates required to reject design heat duty are identified for both the condensers. A
heat transfer model is developed for the first condenser, which is determined to be air-side limited. The model
predictions are compared with the measured heat transfer rates at various ambient conditions and the deviations
explained. Results from this investigation guide the development of air-coupled zeotropic mixture condensers for
compact absorption heat pumps.

1. INTRODUCTION
Residential and commercial space conditioning is typically provided by electrically driven vapor-compression
systems, which lead to high loads for electric utilities during the hottest hours of the day. In addition, these systems
have relied on the use of synthetic refrigerants that contribute to global climate change. Vapor absorption based
heating, ventilation, and air-conditioning (HVAC) systems can utilize low-grade or waste heat streams to provide
heating and cooling. These systems provide an alternative to conventional vapor compression systems, reducing the
peak demand for electricity (Ziegler, 1999). These systems also use environmentally benign working pairs, such as
ammonia-water, with zero potential for global warming and ozone depletion (Lorentzen, 1995).
Ammonia-water has been used as the fluid pair in absorption systems since the late 1800s, and is receiving attention
due to its environmentally benign aspects (Herold et al., 1996). The low freezing point of ammonia (−77°C) enables
low system operating temperatures with applications in both heating and cooling (Srikhirin et al., 2001). In addition,
the high operating pressure of ammonia-water systems allows for compact component design that is essential for
mobile and small-capacity units. Mini- or microchannel heat exchangers have been shown to effectively transfer heat
in a compact volume due to high heat transfer coefficients and high surface area-to-volume ratios. Several researchers
(Ferreira et al. (1984); Meacham and Garimella (2004); Fernández-Seara et al. (2005)) have utilized these compact
heat exchangers for the condenser or absorber by indirect coupling to the ambient with an intermediate fluid loop.
While this coupling loop reduces ammonia-water fluid inventory, the electrical input for pumping the intermediate
fluid, and increased temperature difference between the ambient and the refrigerant could lead to lower system
coefficients of performance (COPs). The use of compact direct air-coupled components that similarly reduce fluid
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inventory would eliminate the intermediate loop, reduce system size, and improve system COP. This is particularly
important for the installation and operation of these heat pumps in forward operating military bases at Tambient as high
as 52oC.
In crossflow air-coupled heat exchangers, mini and microscale geometries are implemented through the use of
extruded rectangular tubes. Garimella et al. (1997) developed a model to compare the performance of flat-tube multi
louver fin heat exchangers with that of conventional round tube heat exchangers with various fin geometries. It was
concluded that the use of flat tubes and multi-louvered fins enabled flexibility in heat exchanger design while
providing substantial reduction in size and weight for the same heat duty. Ammonia-water solution is incompatible
with copper and aluminum, which are commonly used to form flat tubes. Materials that are compatible, such as carbon
or stainless steel, cannot readily be extruded into flat tube geometries; therefore, other geometries must be explored
for heat exchanger improvement. Garimella and Coleman (1998) conducted a modeling analysis for air-cooled
condensation of ammonia-water vapor focusing on round-tube heat exchangers of tube diameter 9.525×10-3 m with
four commonly used fin-types: flat, wavy, louvered, and annular. The materials compatibility issue with ammoniawater was addressed by selecting carbon steel for the tube material while aluminum was used for the fins. Variations
in mixture concentration, saturation pressure, and air temperature were investigated to predict the performance of such
condensers over a wide range of operating conditions. The study concluded that a round-tube wavy-fin heat exchanger
provided the largest heat transfer within the allowable pressure drop and size constraints.
There is a need for further improvement in compact air-coupled heat exchangers compatible with ammonia-water for
small-scale energy recovery. The present study extends the analysis of air-cooled heat exchangers to novel multi-pass
tube-array designs with minichannel geometries. Experimental investigations of air-coupled condenser performance,
which are limited in the literature, are performed and compared with predictions from modeling and analysis.

2. DESIGN AND FABRICATION
Two novel air-coupled condensers were designed to yield better heat transfer performance over conventional designs.
The condensers are built to work in an absorption system of 2.71 kW cooling capacity with a design condenser heat
rejection rate of 2.51 kW into the ambient air. A multi-pass horizontal tube-array design is adopted for the condensers
consisting of multiple tube banks joined in a single header. Both the condensers are 0.406 m high by 0.508 m wide
and consist of a total of 120 tubes with an outer diameter of 3.175×10-3 m and wall thickness of 5.080×10-4 m. The
first version of the air-coupled condenser
(Condenser A) is shown in Figure 1. The
refrigerant vapor enters at the top of the
condenser, splits into the first bank of 48
staggered parallel tubes, and makes four passes
in cross counter-flow through the air. The
partially
condensed
refrigerant
then
recombines in the header before splitting into
the second tube bank of 36 parallel tubes and
makes another four passes in cross co-flow
through the air. This pattern continues through
the subsequent two tube banks before the
refrigerant exits as a subcooled liquid at the
bottom of the condenser. The small tube
diameters result in high heat transfer
coefficients and relatively high surface area on
the air side. The number of parallel tubes in
each bank decreases as the refrigerant
condenses to account for the decrease in
specific volume. The condensers are designed
Figure 1: Schematic of refrigerant flow in tube-array multiin this manner to produce a relatively constant
pass condenser (Condenser A)
homogeneous velocity of the refrigerant
through the condenser, which results in flow
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regimes that are optimal for heat transfer. The
second version, Condenser B, is made to improve
performance further and is shown in Figure 3.
During testing of Condenser A, it was observed
that the pressure drop on both the air side and
refrigerant side is lower than the budgeted value.
Hence, plain fins are installed to a density of 394
fins per meter, which resulted in a four-fold
increase of air-side heat transfer area. The number
of tube banks for this condenser is also increased
from four to six while still maintaining the same
total number of tubes as Condenser A. This
decreases the number of parallel tubes per tube
bank, shown in Figure 2, and therefore increases
the tube-side refrigerant mass flux. Higher mass
flux yields better heat transfer coefficients and
also typically reduces maldistribution of liquid
and vapor in the headers.
The headers, tubes, and end plates for both
condensers are all made of 304 stainless steel. The
cavities and tube holes in the header were
machined using a CNC mill. The tubes were
inserted 3.175×10-3 m into the header and held in
Figure 2: Modification of header design from Condenser A
place by mid-plane and end plates. In the case of
(left) to Condenser B (right)
Condenser B, the laser-cut fins were inserted over
the tubes prior to insertion into the header. Comblike spacers were installed to properly distribute the fins and block air flow in between the tube banks. A nickel vacuum
brazing process was used to seal the tubes into the header. Nickel brazing alloy was also applied to the joints between
the tubes and fins of Condenser B to provide essential tube-fin contact. Both condensers were pressure tested to 3,000
kPa to ensure a successful braze seal between the condenser components.

Figure 3: Modified tube-array multi-pass condenser (Condenser B) with fins and spacer (zoomed)
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3. EXPERIMENTAL APPROACH
The two condensers are evaluated in a temperature-controlled air-handling unit for a variety of air inlet temperatures
and flow rates, and refrigerant inlet temperatures and flow rates. A single pressure ammonia-water test facility is
constructed to directly control the condenser inlet properties; the diagram of the test loop with state points is shown
in Figure 4. A separate pressurized hot water loop is used to boil the refrigerant in the boiler. The two-phase solution
flows to the separator, where saturated vapor separates from the liquid and exits at state point 5. A sight glass is used
to verify that no liquid is flowing into the condenser. The subcooled solution flowing out of the condenser mixes with
the dilute solution from the separator and enters the subcooler. The subcooler cools the solution further to avoid
cavitation in the gear pump. The subcooled refrigerant is pumped into the boiler, completing the loop. The air handling
unit is used to condition the air entering the condenser to the desired temperature and volumetric flow rate. For air
temperature measurements, 4×4 thermocouple arrays are installed immediately upstream and downstream of the
condenser. To prevent the disruption of air flow by the temperature measurements, 0.254-mm thermocouple wire is
used in the thermocouple arrays. These
soldered thermocouple beads are held in
Table 1: Test matrix for evaluation of condensers
place by four structural 0.51-mm stainless
steel wires, stretched vertically across the
face of the condenser.
Test Number
Variable Unit
The test matrix used to evaluate this
1
2
3
4
5
condenser in the air-handling unit is shown
in Table 1. A heat pump cycle model
51.7
51.7
Tair,in
°C
35
52
51.7
developed by Forinash (2015) is used to
determine the relevant values in the test
Tref,in
°C
65.13 56.98 65.15 65.13 65.13
matrix. Test number [1] in the matrix
represents the design conditions for the
V̇ air,in
m3 s-1
0.35
0.35
0.33
0.46
0.35
condenser in the heat pump system under
consideration, but with a modified refrigerant
inlet temperature of 65.13°C. Test numbers
[2] and [3] represent the upper and lower bounds of air inlet temperature variation, which simulate the expected severe
ambient operating temperature range for this system. The refrigerant inlet temperature of the condenser is also changed
with the ambient air temperature based on the cycle simulation results. This is done to correlate component level
testing with actual operating conditions of the heat pump. Test numbers [4] and [5] represent the lower and upper
limits of volumetric flow rate of air controlled by fans in the absorption system.

Figure 4: Ammonia-water test facility schematic
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4. MODELING APPROACH
A segmented heat transfer model is developed on the Engineering Equation Solver (EES) software platform (Klein,
2014) to predict the performance of Condenser A . The modeling approach adopted here divides the heat exchanger
into several segments of equal lengths to account for the variation in heat transfer processes as condensation proceeds.
As ammonia-water is a binary mixture, three independent properties are required to determine the state point after
every segment in the condenser. The ammonia concentration (Xrefr) of the mixture is constant for all segments and is
used as one of the independent properties. However, the ammonia concentration in the vapor and the liquid phases
changes along the length of the condenser. Initially, the liquid phase is at low ammonia concentration and consists
primarily of water. As the condensation process continues, the ammonia fraction in the vapor condenses, thereby
increasing the concentration of the liquid phase. The other two independent properties are the enthalpy (hrefr) and
pressure (Prefr) of the solution, which are updated after every segment based on the pressure drop and heat transfer
correlations. Well mixed solution conditions are assumed such that thermal equilibrium exists between the vapor and
the liquid phases in every segment of the condenser. The model also assumes a uniform temperature profile in the
inlet air across the face of the condenser. A thermal resistance network is used to calculate the heat transfer in each
segment of the model. The thermal resistance between the air and the refrigerant is composed of internal thermal
resistance (with vapor and condensate film components), conductive resistance (inner to outer tube wall), and external
resistance (outer tube wall to bulk air). The total thermal resistance for a segment is calculated using Equation (1).
ln  Do Di 
1
1
1
 Rtotal  Rin  Rcond  Rout 


UA
hrefr  Di Lsg 2k tube Lsg hair Ao,sg

(1)

Inlet refrigerant- and air- side properties are specified for the segment and the outlet properties are calculated using
the Effectiveness-NTU method. For a particular segment, the refrigerant inside the tube is mixed whereas the air is
unmixed. Furthermore, the heat capacity rate of the refrigerant is greater than air, suggesting the use of Equation (2)
for the calculation of  (Incropera et al., 2011).





  1  exp Cr 1 1  exp  Cr (UA / C min ) 



(2)

Finally, the heat transfer rate from the segment is calculated using Equation (3). Subsequently, the outlet temperatures
of the refrigerant and air are calculated using the heat transfer rate for the segment.



qsg   (qmax )   C min Trefr,in  Tair,in 



(3)

Unlike condensation of a pure fluid, in this case there is a drop in refrigerant temperature in the saturated region. Due
to high ammonia concentration (> 99%) in the vapor entering the
condenser, this temperature glide occurs near the inlet of the
condenser where the water fraction is relatively higher (Garimella
and Coleman, 1998). Thus the heat capacity ratio ( Cr ) approaches
zero after the initial preferential condensation of water near the
inlet of the condenser.

4.1. Air side
For air-coupled heat exchangers, the average heat transfer
coefficient on the air side is typically constant across all the passes.
The correlation by Žukauskas (1972), shown in Equation (4), is
used here for modeling the average heat transfer coefficient of air
flowing around the tube bank. The parameters C and m in this
equation are functions of the maximum air Reynolds number.
Maximum Reynolds number is calculated from the maximum air
velocity in the tube bank. Maximum air velocity in the tube bank
is determined to be occurring on the A1 plane (shown in Figure 5)
and calculated using Equation (5) where ST is the transverse

Figure 5: Staggered tube bank
(Incropera et al., 2011)
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spacing of the tubes. As the condensers designed in this study consist of eight tube rows in staggered arrangement, the
Nusselt number should be corrected by a factor as shown in equation (6) (Žukauskas, 1972). The average heat transfer
coefficient is from this Nusselt number. The properties used in this correlation are calculated at the arithmetic mean
of the inlet and outlet air temperatures except for Prs, which is calculated at the tube surface temperature.
 Pr 
Nu D ( Rows  20)  C Re mD ,max Pr 0.36 

 Prs 

uair ,max 

0.25

(4)

sT
uair , face
sT  Do

(5)
(6)

Nu D ( Rows 8)  C2 Nu D ( Rows  20)

It is assumed in the model that the air after every tube row gets mixed well before passing over the next tube row. The
air temperature at the inlet of a particular segment is the outlet air temperature of the segment in the previous tube
row. This updated air temperature profile in the tube bank allows for accurate modeling of heat transfer from the
refrigerant to the air.

4.2. Tube side
The vapor entering the condenser is split into parallel tubes and goes through four passes in each tube before returning
to the header on the other side. Thus the mass flux of refrigerant flowing through a segment depends on the number
of parallel tubes, which varies from one tube bank to another. The prevailing two-phase flow regime inside the segment
is important in determining the appropriate correlation for tube-side heat transfer and pressure drop. While there are
several studies in the literature on two-phase flow regimes, two studies that focused on flow regimes during
condensation in horizontal tubes (Coleman and Garimella, 2003; El Hajal et al., 2003) are used to establish that
stratified two-phase flow exists in the tubes throughout the condenser. This gravity driven stratification of the vapor
and liquid phases is due to the low mass flow flux of refrigerant typical of such a small-scale absorption system.
Among the studies on heat transfer in stratified flows, the comprehensive correlation by Dobson and Chato (1998) for
horizontal tubes takes into account heat transfer through film condensation in the upper part of the tube and forced
convection in the liquid pool at the bottom of the tube. The correlation for stratified-wavy flow is shown in Equation
(7).
Nu D 

0.23 Rev 0.12  Ga Prl 


1  1.11X tt 0.58  Jal 

0.25

 
 1  l
 


 Nu forced


(7)

Here, Prl and Jal represent liquid Prandtl number and Jacob number, and their ratio is given by Equation (8). This
correlation requires the temperature of the inside surface of the tube ( Ttube,in ), which is calculated iteratively.

l h fg
Prl
Cpl l / kl


Jal Cpl (Trefr  Ttube ,in ) / h fg kl (Trefr  Ttube ,in )

(8)

Here l is the angle subtended from the top of the tube to the liquid level at the bottom and is calculated using the
correlation of Jaster and Kosky (1976). The Nusselt number for forced convection at the bottom of the tube is given
by Equation (9).
Nu forced  0.0195 Rel 0.8 Prl 0.4 l

l  1.376 

4.172  5.48Frl  1.564 Frl 2
X tt1.773 0.169 Frl
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Depending on the ambient conditions, there is subcooling occurring in the condenser. The heat transfer coefficient for
subcooling is usually lower than that for condensation. The Churchill (1977) correlation for single-phase flow is used
for segments in the subcooled region of the condenser.

5. RESULTS AND DISCUSSION
5.1. Data Analysis
The condensers are experimentally evaluated over a range of conditions, with each data point taken after ensuring
steady state operation. The data are analyzed on the Engineering Equation Solver (EES) (Klein, 2014) platform. For
data analysis, the refrigerant is assumed to exit the separator as a saturated vapor, which then enters the condenser.
Air-side temperatures are calculated by averaging the 16 thermocouple measurements upstream and downstream of
the condenser. Heat transfer rates are calculated on both refrigerant and air sides using inlet and outlet conditions and
flow rates. At steady state, the heat transfer rates on both sides are compared and verified to be within 10% of each
other.

5.2. Experimental results
The measured heat transfer rate is given by Equation (11), where A is the heat transfer area of the condenser, U is the
overall heat transfer coefficient, and LMTD is the logarithmic mean temperature difference.
Q  U  A  LMTD

(11)

Experimental results at various air temperatures along with varying solution inlet temperatures are shown in Figure 6
for both the condensers. The air flow rate and other parameters are kept constant at design values during this variation
of air inlet temperature to the condenser. (Improvements were made to the test facility between the evaluations of the
two condensers that resulted in lower uncertainty values in test data point of Condenser B.) The rate of heat rejection
from the condensers gradually decreases as the air temperature increases. This is due to a decrease in temperature
difference between the two fluid streams, reducing the LMTD of the heat exchanger. As shown in Figure 6, heat
transfer rate for Condenser A drops
below design (2.51 kW) at about
48°C; therefore, the condenser
would perform to capacity in a
packaged system heat pump unit
operating at ambient temperatures
below 48°C. Similarly, Condenser B
would be able to perform better than
design
capacity
at
ambient
temperatures below 50.5°C.
The air flow rate was also varied and
the results are shown in Figure 7 for
both condensers. It can be seen from
both Figure 6 and Figure 7 that
Condenser B performs better than
Condenser A at all ambient
conditions. This is because of the
higher UA in Condenser B, which is
due to the addition of fins on the airside and the larger number of tube
bank passes on the tube-side.
Figure 6: Heat duty of condensers with variation in ambient temperature
Although there is about four-fold
increase in air side area for
Condenser B, only about a 3.8% average increase in heat duty is observed compared to Condenser A. This is because
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the condenser is unable to reject heat
as the air temperature approaches the
saturated liquid temperature of the
refrigerant, which is 64.8°C for the
design air inlet of 51.7°C.
As the air flow rate is increased, the
heat transfer rate increases for both
condensers due to two factors. First,
higher air velocities increase the airside heat transfer coefficient.
Second, higher mass flow rate of air
increases the thermal capacity rate,
leading to smaller increase in air
temperature and a larger temperature
difference across the fluids in the
heat exchanger. This is further
verified by the analytical model
described in the next sub-section. As
shown in Figure 7, Condenser B
performs better than design (2.51
kW) at air flow rates of 0.40 m3 s-1 or
greater.

Figure 7: Heat duty of condensers with variation in air flow rate

5.3. Model comparison
The segmented heat transfer model discussed above was used to understand the performance of the two condensers.
The segmented calculations proceed along the length of the condenser in the direction of refrigerant flow. The thermal
resistances at design conditions, test number [1] (Table 1), are shown in Figure 8 for the entire length of Condenser
A. It can be seen that the external thermal resistance is about an order of magnitude higher than the internal resistance.
Therefore, the Condenser A is heavily limited on the air-side. This substantiates the rationale for the addition of fins
to Condenser B.
Model predictions for the heat duty of Condenser A for various air inlet temperatures are plotted with the experimental
values in Figure 6. The model heat transfer rate predictions follow the trend of the experimental results and decrease
with increasing air inlet temperatures.
However, the measured heat transfer
rates are higher than the predicted values.
One potential reason for this discrepancy
is the technique used for air temperature
update in the model. As the tubes are very
closely packed in the condenser, it is
assumed that the air inlet temperature to
the second row of tubes is the air outlet
temperature from the first tube row. Due
to the staggered arrangement of tubes,
there is a possibility that the second row
receives cooler air, which would increase
the heat transfer rate. Furthermore, there
could be heat being lost from the header,
which is not accounted for in the model.
Figure 7 compares the predicted and
experimental heat transfer rates for
Figure 8: Segmental thermal resistances for Condenser A in the
Condenser A at various air flow rates.
direction of refrigerant flow
The model closely predicts the
experimental results and both the model
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and the experimental heat transfer rates increase with air flow rate. The model predicts about 26% increase in heat
transfer rates when the air flow rate is increased from 0.35 m3 s-1 to 0.46 m3 s-1 (31% increase). This increase in heat
transfer rate is attributed to a 14% increase in air-side heat transfer coefficient, with the remainder being due to an
increase in the LMTD between the air and refrigerant sides.

6. CONCLUSIONS
Two multi-pass tube-array condensers for use in a small-scale ammonia-water absorption system designed for severe
ambient temperature (52oC) operation were designed and experimentally evaluated. Manufacturing challenges
associated with the development of compact stainless steel heat exchangers were addressed during the fabrication of
these two condensers. The condensers were tested in an air-handling unit at various ambient conditions. The modified
tube-array condenser with fins performed better than the one without fins and was able to reject the design heat duty
at ambient temperatures of 50.5°C or lower. A heat transfer model was developed for the first tube-array condenser
and compared with experimental values. The model showed that the condenser is air-side limited. The heat transfer
model is currently being extended to finned tube-array condensers with finer segments for accurate assessment of
performance. Future work and further improvement of compact condensers for ammonia-water systems will involve
exploring various fin geometries for tube-array condensers.

NOMENCLATURE
h

Heat transfer coefficient

C

Heat transfer coefficient

k

Conductivity



Viscosity

D

Diameter of tube

L

Length



Heat exchanger effectiveness

Nu

Nusselt number

Re

Reynolds number

Pr

Prandtl number

W m K 
W K 
W m K 
 kg m s 
-2

-1

-1

-1

-1

1 1

m
m
-
-
-
-

Subscript
i

inner

o

outer

l

liquid

v

vapor

sg

segment
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